Featured Application: The presented methodology is currently adopted in production lines for identification and testing procedures on viscoelastic dampers for turbomolecular pumps.
Introduction
Vibrations in mechanical structures are typically caused by structural issues like effects of the material fatigue damage and wear, and are the cause of loss of performance and reliability. In rotordynamics, these negative consequences are emphasized and strongly influence and constrain most of the design phases. Vibrations in rotating machines can be induced by the unavoidable presence of unbalance giving rise to synchronous vibrations in the vicinity of critical speeds. This phenomenon is strictly dependent on the quality of balancing, spin speed, and the presence of damping. It imposes implementing vibration control techniques that can be chosen among a wide range of technologies, according to the application requirements. In aerospace, the adoption of squeeze film dampers (SFD) is common practice. They are very effective in reducing the response for the moderate range of residual unbalance expected from the rotor balancing process and are self-sufficient and robust in the event of high unbalance levels [1] . However, their performance is affected by vibration frequency, engine oil temperature, supply pressure, and thermal growth of the bearing housing. In the oil and gas industry, and in aerospace, solutions based on active/semi-active hydraulic systems, electrorheological [1, 2] , and magnetorheological [2] solutions have been proposed for the adaptation of the damping force to the operating conditions. However, these devices cannot avoid drawbacks related to the aging of the fluid and to the tuning that is required for compensating the temperature and frequency effects. Among other technologies, magnetic bearings and dampers witnessed a steady growth in applications, like vacuum pumps, compressors for air conditioning, turbo-compressors in oil and gas industry, turbines for energy recovery, and storage, such as kinetic energy storage systems (KESS) and compressed air energy storage (CAES) [3] [4] [5] [6] . They allow for contactless operation and lack the need of lubrication and oil supply systems. Although attractive, this technology still presents shortcomings related to size and costs. Viscoelastic dampers represent an effective and low-cost solution in high speed applications like turbo-molecular pumps and machine tool spindles or in industrial sectors like automotive, where the construction of engine mounts, torsional dampers and shock absorbers is based on the adoption of these components. Nevertheless, although compact and efficient, the frequency and temperature dependency of the material parameters makes the rotordynamic behavior of the machines equipped with viscoelastic supports hard to predict at design stage [7] . Currently, the design of elastomeric dampers is mainly based on a trial-and-error approach, but a more rigorous method is often required to know exactly the behavior of the supports in operating conditions and to achieve design refinement and performance optimization in terms of vibrations amplitude, unbalance response reduction, and critical speeds tuning.
The objective of this paper is to propose a methodology to identify the behavior of viscoelastic dampers and to predict the rotordynamic behavior of shafts supported by them. The technique is based on a preliminary experimental characterization at the component level of the supports by means of a dedicated test rig allowing the replication of the unbalance synchronous excitation by means of two orthogonal actuators. The transfer functions measured between the force of the actuator and the traction or compression generated on the elastomer permits to obtain the behavior of the supports along the whole spin speed range in the form of complex stiffness. Afterwards, the parameters of the reference model adopted to represent the dampers are identified, according to the experimental results by means of a Genetic Algorithm (GA). The choice of GA is motivated by the need of adopting an identification technique that can be easily implemented in industrial electronic control units, since the dedicated machine is supposed to be adopted in the production line for testing operations. In the authors' knowledge, the adoption of GA for the identification of viscoelastic parameters is not yet reported in literature. The designed GA is based on the survival principle of the fittest and aims to search the optimal parameters by minimizing a fitness function that is expressed as the weighted sum of the Mean Square Error (MSE) between the magnitude and phase of the numerical and experimental transfer functions. Three different selection methods are proposed and compared: Normalized Geometric, Tournament, and Roulette Wheel Selection. All of the procedures converge to the same values and the parameters from Normalized Geometric Selection are chosen and translated in classical stiffness and damping components to be useful for the rotordynamic model of assembled rotors. The approach at component level is effective since a good match between the numerical model and the experimental results is shown, even with a relatively low order model of the viscoelastic supports.
The methodology is then validated at system level in a real application that is represented by a turbo-molecular pump, a type of multi-stage vacuum machine. The two dampers identified in the first section are the same installed in the pump. The resulting model of the dampers is introduced in the full model of the pump as a connection between the free-free models of the rotor and of the stator. The validation of the proposed approach is performed by impact tests at null speed and by the measurement of the unbalance response. The close correlation between model response and experimental data at standstill, and with the shaft at full speed, demonstrates the effectiveness of the approach also at system level. 
Viscoelastic Model Identification

Machine for Testing Operations
In rotordynamics, the adoption of elastomeric dampers interposed between the bearings and the non-rotating part of the machine is a common practice [8, 9] .
Two different layouts of the suspension can be adopted, as illustrated in Figure 1 . The first (a) exploits a viscoelastic ring (5) press-fitted directly between the stator (1) and the external part of the ball bearing (4), while in the second one (b), the viscoelastic material (5) is molded between two metallic supports (2), the external is screwed on the stator while the internal is press-fitted on the ball bearing. In the first configuration, the friction between the rubber and the bearing modifies the axial preload of the bearing in an uncontrolled way, and hence the radial stiffness of the suspension. In the second configuration, this problem is not present since no relative displacement between the viscoelastic element (5) and its metallic supports (2) occurs. The preload of the bearing can be provided in a predictable way by installing the two metallic supports of the rubber with a small misalignment along the axial direction of the suspension. The configuration installed in the machine that is considered in this paper exploits the layout (b). 
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Two different layouts of the suspension can be adopted, as illustrated in Figure 1 . The first (a) exploits a viscoelastic ring (5) press-fitted directly between the stator (1) and the external part of the ball bearing (4), while in the second one (b), the viscoelastic material (5) is molded between two metallic supports (2), the external is screwed on the stator while the internal is press-fitted on the ball bearing. In the first configuration, the friction between the rubber and the bearing modifies the axial preload of the bearing in an uncontrolled way, and hence the radial stiffness of the suspension. In the second configuration, this problem is not present since no relative displacement between the viscoelastic element (5) and its metallic supports (2) occurs. The preload of the bearing can be provided in a predictable way by installing the two metallic supports of the rubber with a small misalignment along the axial direction of the suspension. The configuration installed in the machine that is considered in this paper exploits the layout (b). Although the presented solution appears simple and reliable, the viscoelastic nature of elastomers imposes to perform experimental identification of the damper to predict its behavior at design stage at varying operation frequencies and applied static loads. To this end, a dedicated machine ( Figure 2 ) has been designed and realized to simulate the forces acting on rotors in working conditions, providing profiles simulating the synchronous excitation due to the unbalance. A couple of orthogonal linear voice coils allow to provide a rotating force vector simply driving the actuators in order to generate two sinusoidal forces with the same amplitude and the same frequency, but with a phase-lag of 90 degrees between them. In principle, this layout permits to also perform a linear characterization if one-directional measures are requested. In addition to being used in the design phase to characterize elastomer mechanical parameters at the component level, the rig, whose maximum excitation frequency is 1.5 kHz equivalent to a spin speed of 90,000 rpm, can be exploited to perform tests concerning the reliability and durability of the supports in working conditions.
The machine is designed to be installed on a seismic mass ( (10) in Figure 3 ). The main steel structure is composed of an external body (9) on which the static parts of the actuators (3) are installed. The mobile part of the voice coils (1) is connected to the external support of the damper (11) with a screw (4), and is supported by a collet (2) to guarantee a good alignment of the actuation direction. The internal support of the damper (12) is screwed in the main body. Two eddy current displacement sensors (14) are adopted to detect the relative movement between the internal and the external part of the damper in order to evaluate its traction and compression. A couple of orthogonal linear voice coils allow to provide a rotating force vector simply driving the actuators in order to generate two sinusoidal forces with the same amplitude and the same frequency, but with a phase-lag of 90 degrees between them. In principle, this layout permits to also perform a linear characterization if one-directional measures are requested. In addition to being used in the design phase to characterize elastomer mechanical parameters at the component level, the rig, whose maximum excitation frequency is 1.5 kHz equivalent to a spin speed of 90,000 rpm, can be exploited to perform tests concerning the reliability and durability of the supports in working conditions.
The machine is designed to be installed on a seismic mass ( (10) in Figure 3 ). The main steel structure is composed of an external body (9) on which the static parts of the actuators (3) are installed. The mobile part of the voice coils (1) is connected to the external support of the damper (11) with a screw (4), and is supported by a collet (2) to guarantee a good alignment of the actuation direction. The internal support of the damper (12) is screwed in the main body. Two eddy current displacement sensors (14) are adopted to detect the relative movement between the internal and the external part of the damper in order to evaluate its traction and compression. The two actuators, whose current-force coefficient is 37 N/A, can exert a maximum force of 200 N with an excitation frequency ranging from 0 to 1500 Hz. They are supplied with a DC (Direct Current) voltage of 30 V at a maximum current of 5 A. The maximum displacement that is guaranteed on the whole frequency range is 10 μm. Parameter settings, result displaying, and data logging are realized by means of an HMI (Human Machine Interface) running on a PC in CAN (Controller Area Network) communication with the electronic drivers of the plant. The machine is adopted for testing procedures in the production lines of the dampers.
Reference Model for Parametric Identification
Ideal elastic materials do not dissipate energy when deformed and can be represented with only a linear spring (a in Figure 4 ). However, since no actual material is ideal elastic, the simplest way to model material damping is to assume that the material reacts with a force depending only on the strain rate. These two basic behaviors can be combined to obtain a more accurate representation of the material exploiting a simple series of a spring and a damper (b) or by means of more elaborate spring-damper models like Kelvin's (c) and Wiechert's (d) representation. The two actuators, whose current-force coefficient is 37 N/A, can exert a maximum force of 200 N with an excitation frequency ranging from 0 to 1500 Hz. They are supplied with a DC (Direct Current) voltage of 30 V at a maximum current of 5 A. The maximum displacement that is guaranteed on the whole frequency range is 10 µm. Parameter settings, result displaying, and data logging are realized by means of an HMI (Human Machine Interface) running on a PC in CAN (Controller Area Network) communication with the electronic drivers of the plant. The machine is adopted for testing procedures in the production lines of the dampers.
Ideal elastic materials do not dissipate energy when deformed and can be represented with only a linear spring (a in Figure 4 ). However, since no actual material is ideal elastic, the simplest way to model material damping is to assume that the material reacts with a force depending only on the strain rate. These two basic behaviors can be combined to obtain a more accurate representation of the material exploiting a simple series of a spring and a damper (b) or by means of more elaborate spring-damper models like Kelvin's (c) and Wiechert's (d) representation. These models represent the equilibrium restoring stiffness with an isolated spring in parallel with one (c) or several (d) Maxwell's arms.
In the case of configuration (c), the force provided by the elastomeric material is obtained as the sum of the force in the Maxwell arm and that in the isolated spring
The force in the Maxwell arm in Laplace domain is depending on the traction/compression applied to the material and is equal to:
Adding the force = in the equilibrium spring, the total force is
This modeling approach can be extended to the case of Wiechert's representation (d), where the total force is the sum of the components of each parallel arm
Extending from Equation (2),
and
follows. In this paper, Kelvin's model is adopted to represent the behavior of the dampers under test effectively. However, the proposed methodology is valid also with Wiechert's representation should it be necessary to take relaxation time distribution into account. The characterization of the viscoelastic dampers under test is based on the following representation of the system
where is the transfer function between the traction/compression of the elastomer, and the force applied on it, is the inertial action obtained as the sum of the mass of the damper support ((11) in Figure 3 ) and of the mobile part of the actuator (1). The second component in Equation (7) is These models represent the equilibrium restoring stiffness with an isolated spring K E in parallel with one (c) or several (d) Maxwell's arms.
The force in the Maxwell arm in Laplace domain is depending on the traction/compression x applied to the material and is equal to:
Adding the force F E = k E x in the equilibrium spring, the total force is
This modeling approach can be extended to the case of Wiechert's representation (d), where the total force F is the sum of the components of each parallel arm
follows. In this paper, Kelvin's model is adopted to represent the behavior of the dampers under test effectively. However, the proposed methodology is valid also with Wiechert's representation should it be necessary to take relaxation time distribution into account.
Appl
The characterization of the viscoelastic dampers under test is based on the following representation of the system
where H is the transfer function between the traction/compression x of the elastomer, and the force F ACT applied on it, m is the inertial action obtained as the sum of the mass of the damper support ((11) in Figure 3 ) and of the mobile part of the actuator (1). The second component in Equation (7) is the representation of the damper, while the third part models the losses on the actuator due to eddy currents generation, which is represented by a dynamic identified with FEM (Finite Element Method) computation. This has been performed with the software COMSOL Multiphysics 4.3a (Comsol Inc., Stockolm, Sweden, May 2012) following the indications reported in [10] , where it is demonstrated that the mechanical impedance of an eddy current damper can be represented as a series of a viscous damper and a spring.
A sensitivity analysis to evaluate the effects of the change of the parameters K E , K 1 , and C 1 on the damper dynamic and consequently on the measured transfer function is illustrated in Figure 5 . The plots on the left side (a-c) report the trend of Equation (3), while the corresponding effects on Equation (7) are shown on the right side (d-f). It is evident from (d) and (e) that the inertial effects of mass m, representing the mobile part of the voice coil and the mechanical components connected to the voice coil stem, is dominant in F ACT /x at high frequencies with respect to other parameters. A sensitivity analysis to evaluate the effects of the change of the parameters , , and on the damper dynamic and consequently on the measured transfer function is illustrated in Figure 5 . The plots on the left side (a-c) report the trend of Equation (3), while the corresponding effects on Equation (7) are shown on the right side (d-f). It is evident from (d) and (e) that the inertial effects of mass , representing the mobile part of the voice coil and the mechanical components connected to the voice coil stem, is dominant in ⁄ at high frequencies with respect to other parameters. 
Experimental Characterization and Identification by Genetic Algorithm
The proposed procedure is tested on the two different dampers that have been installed in the compressor side (CS) and in the shaft end side (SES) of the turbo-molecular pump that is used for the experimental validation at the system level, as reported in the final section of this paper.
The transfer function (Equation (7)) is measured experimentally ( ) with a sweep test from 0 to 1.5 kHz, and is then compared to the numerical equivalent ( ) to identify the values of , , and . The identification is performed automatically on the DSP (Digital Signal Processor) by means of a Genetic Algorithm (GA), aiming to minimize the difference between the numerical 
The transfer function H (Equation (7)) is measured experimentally (H EXP ) with a sweep test from 0 to 1.5 kHz, and is then compared to the numerical equivalent (H NUM ) to identify the values of K E , K 1 , and C 1 . The identification is performed automatically on the DSP (Digital Signal Processor) by means of a Genetic Algorithm (GA), aiming to minimize the difference between the numerical (H NUM ) and the experimental (H EXP ) results.
GAs are search and optimization techniques that are inspired by two biological principles, namely the process of natural selection and the mechanics of natural genetics. They consist of a mechanism of selective reproduction acting on a set of potential solutions, called chromosomes, whose correctness is measured by means of a fitness function. The collection of potential solutions, called population, is manipulated to perform a search based on the survival principle of the fittest. The chromosomes are the encoded representations of all the parameters of the solution. Each chromosome is compared to the others in the population and evaluated with a fitness rating that indicates how successful the solution is. The first population is created randomly while the following are generated to encode better solutions using genetic operators or evolution operators, such as elitism, crossover, and mutation. Elitism allows for saving the best chromosomes before reproduction, crossover, and mutation, enabling the new reproduction by either merging the chromosomes in the current population or by modifying some of them. Several algorithms of crossover and mutation are present in the literature, in the present case the Arithmetic Crossover Procedure and the Uniform Mutation Method are adopted. The selection of the best individuals for each generation can be performed with different methods, in this case, three of them are tested and compared: Normalized Geometric Selection (NGS), Tournament Selection (TS), and Roulette Wheel Selection (RWS). The creation of new generations stops when a fitness target is reached or after a certain number of reproductions [11] [12] [13] .
In the proposed GA, each chromosome is encoded as a vector of real numbers of the same length as the solution vector. The parameters to be optimized are K 1 and C 1 , therefore the chromosome j of generation i is represented as
where c j1 = K 1 and c j2 = C 1 . The upper and lower bounds of the two parameters for both the characterized dampers are 
The fitness function F obj is established to provide a performance measure of the generated chromosomes. The difference between analytical (H NUM ) and experimental (H EXP ) results is considered as the error e to be minimized by means of Mean Square Error (MSE) computation. Both magnitude (Mag) and phase (Pha) are considered according to the fitness function where n is the size of the frequency vector, and W m and W p are the weighting coefficients for magnitude and phase MSE, respectively, both set to 0.5 in this case. The GA is implemented exploiting a population of 60 individuals in 60 generations according to the following procedure:
1.
Computation of K E from Equation (7) at steady-state (s = 0). Computation of the fitness value for each chromosome by means of F obj .
4.
Selection process with the NGS, TS (with 100 rounds) and RWS procedure to select the best set of individuals.
5.
Application of the elitist selection method to avoid the loss of best chromosomes during the creation of the new population. Elitism allows for saving a priori best individuals before the production of the next generation. 6.
Execution of the Arithmetic Crossover Procedure to generate new individuals. 7.
Execution of the Uniform Mutation Method to perturb the population with an occasional random alteration to avoid sub-optimal convergence of the solution. 8.
Going back to step 3 of this procedure and evaluation of the new population fitness value according to F obj . The termination of the iteration occurs at the production of the 60th generation.
One occurrence of the best population of the optimized parameters is reported in Figure 6 for the two dampers. The three selection procedures are compared (NGS in solid line, TS in dashed line, and RWS in dotted line) showing the convergence to the same final values with a good level of robustness of the optimization method. NGS is adopted because of the slightly lower execution time. However, the other two methods can be adopted without the loss of performance. The identified parameters are
The comparison between H NUM and H EXP is shown in Figure 7 . The noise measured at frequencies higher than 1 kHz is due to bad measurement but it can be neglected since it is out of the range of interest. Indeed, the nominal speed of the pump where the dampers are supposed to be installed is 48,000 rpm. The values of magnitude and phase at frequency higher than 1 kHz have not been taken into account in the GA identification.
The frequency response of the damper (G D ) is then obtained as
In the final part of the identification, the dynamic of the damper is obtained from Equation (12) to be usable for rotordynamic models. Two contributes are identified in the frequency range of operations: in-phase or storage stiffness (K P ) and in-quadrature or loss stiffness (K Q ), obtained as follows: Figure 8 reports the trends of K P and K Q of the SES (a) and CS (b) dampers of the pump. It is possible to obtain equivalent viscous damping (C eq ) of the support with
where ω is the actuator excitation frequency in rad/s. robustness of the optimization method. NGS is adopted because of the slightly lower execution time. However, the other two methods can be adopted without the loss of performance. The identified parameters are The comparison between and is shown in Figure 7 . The noise measured at frequencies higher than 1 kHz is due to bad measurement but it can be neglected since it is out of the range of interest. Indeed, the nominal speed of the pump where the dampers are supposed to be installed is 48,000 rpm. The values of magnitude and phase at frequency higher than 1 kHz have not been taken into account in the GA identification. The frequency response of the damper ( ) is then obtained as
In the final part of the identification, the dynamic of the damper is obtained from Equation (12) to be usable for rotordynamic models. Two contributes are identified in the frequency range of operations: in-phase or storage stiffness ( ) and in-quadrature or loss stiffness ( ), obtained as follows: Figure 8 reports the trends of and of the SES (a) and CS (b) dampers of the pump. It is possible to obtain equivalent viscous damping ( ) of the support with
where is the actuator excitation frequency in rad/s. The elastomeric support provides a low value of stiffness and damping at low frequencies. The maximum contribution of damping is recorded in the central area where the stiffness is rising. At high frequencies, the stiffness converges to a maximum value, while the damping is steadily decreasing. In the systems that are equipped with viscoelastic supports, the goal is to make the transition area of the damper correspond with the natural frequencies of the structure in order to exploit the support where its damping action reaches its maximum. This objective is pursued by properly designing the geometry of the damper to regulate the in-phase stiffness and the maximum admitted displacement and by selecting the appropriate composition of the viscoelastic material, which is more related to damping, to tune the shape of the in-quadrature stiffness. For what the case presented in this paper is concerned, the two tested dampers have been designed to make the transition area correspond with the critical speeds of the rotor, as verified in the experimental results of the section dedicated to the validation at system level.
The results of the presented identification procedure have been obtained at a temperature of 25 °C. Nevertheless, as abovementioned, the mechanical properties of elastomeric materials are markedly influenced also by temperature. The temperature dependent characterization of the The elastomeric support provides a low value of stiffness and damping at low frequencies. The maximum contribution of damping is recorded in the central area where the stiffness is rising. At high frequencies, the stiffness converges to a maximum value, while the damping is steadily decreasing.
In the systems that are equipped with viscoelastic supports, the goal is to make the transition area of the damper correspond with the natural frequencies of the structure in order to exploit the support where its damping action reaches its maximum. This objective is pursued by properly designing the geometry of the damper to regulate the in-phase stiffness and the maximum admitted displacement and by selecting the appropriate composition of the viscoelastic material, which is more related to damping, to tune the shape of the in-quadrature stiffness. For what the case presented in this paper is concerned, the two tested dampers have been designed to make the transition area correspond with the critical speeds of the rotor, as verified in the experimental results of the section dedicated to the validation at system level.
The results of the presented identification procedure have been obtained at a temperature of 25 • C. Nevertheless, as abovementioned, the mechanical properties of elastomeric materials are markedly influenced also by temperature. The temperature dependent characterization of the viscoelastic dampers is out of the goals of this paper. Nevertheless, it is possible to also achieve this kind of identification by carrying out the same proposed procedure in the whole temperature range of interest. As an alternative, since the effects of an increase of frequency or a decrease of temperature have similar effects on viscoelastic material behavior, it is possible to obtain the curves that are related to changes in temperature at constant frequency from those that are related to frequency at constant temperature and vice versa [14, 15] .
Rotordynamic Validation for the Identified Damper Models
The final part of the study is focused on the validation of the approach at system level. To this end, the two dampers previously characterized are installed in a turbo-molecular pump to perform the experimental characterization. The machine adopted has a pumping capacity of 1.2 L/s, the weight of the rotor is 0.9 kg, and the nominal speed is 48,000 rpm. The whole system is represented by means of an FEM model of the rotor and stator that is connected through the two dampers. The rotordynamic model has been realized by means of a FE (Finit Element) code (Dynrot), representing the rotating and the static parts with Timoshenko beam elements. Figure 9 shows the main nodes of the mesh along the shaft and the stator; (1) represents the stator that in the left-hand side has been considered as an unstructured mass on the left-hand side whose stiffness contribute is null (dotted part); (2) is the rotor whose pumping part is replaced by a mock-up provided with two discs to replicate the inertial behavior of the original bladed impeller; (3); and, (4) are the bearings and viscoelastic supports on the CS and on the SES, respectively. Gyroscopic effects are taken into account in all of the elements and rotating masses.
The dynamic equation of the rotating parts in the rotor reference frame is 
q(t) + (C + G)
.
where q(t) includes the generalized displacements, M is the symmetric mass matrix, C and G are the symmetric damping and the skew-symmetric gyroscopic matrices, K and H are the symmetric stiffness and the skew-symmetric circulatory matrices, and F u is the unbalance force [16] . The experimental tests have been conducted in three steps: test on the shaft in free-free condition to validate its rotordynamic model (A); test in static conditions (B) and in rotation (C) on the assembled pump including rotor, stator and dampers.
(A) The rotor model is validated by means of impact tests on the free-free rotor. The transfer functions between the force (input) and the acceleration (output) are measured ( Figure 10 ). The force is provided with an instrumented hammer in correspondence of the higher part of the impeller mock-up, while the acceleration is measured in the lower part of the shaft in correspondence of the CS (a) and SES (b) damper location. Solid and dashed lines report the experimental results and the numerical computations, respectively.
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where includes the generalized displacements, is the symmetric mass matrix, and are the symmetric damping and the skew-symmetric gyroscopic matrices, and are the symmetric stiffness and the skew-symmetric circulatory matrices, and is the unbalance force [16] . The experimental tests have been conducted in three steps: test on the shaft in free-free condition to validate its rotordynamic model (A); test in static conditions (B) and in rotation (C) on the assembled pump including rotor, stator and dampers.
(A) The rotor model is validated by means of impact tests on the free-free rotor. The transfer functions between the force (input) and the acceleration (output) are measured ( Figure 10 ). The force is provided with an instrumented hammer in correspondence of the higher part of the impeller mockup, while the acceleration is measured in the lower part of the shaft in correspondence of the CS (a) and SES (b) damper location. Solid and dashed lines report the experimental results and the numerical computations, respectively. (B) The assembled pump that is equipped with the two characterized dampers is tested in static condition with impact tests to obtain the transfer functions between the force (input) and the acceleration/displacement (output) (Figure 11 ). The force is provided with an instrumented hammer in correspondence of the higher part of the stator. The acceleration is measured on the stator (a) and on the rotor (b-d). The relative displacement between the rotor and the stator is obtained with capacitive sensors (e,f). Solid and dashed lines are experimental and numerical results, respectively. (B) The assembled pump that is equipped with the two characterized dampers is tested in static condition with impact tests to obtain the transfer functions between the force (input) and the acceleration/displacement (output) (Figure 11 ). The force is provided with an instrumented hammer in correspondence of the higher part of the stator. The acceleration is measured on the stator (a) and on the rotor (b-d). The relative displacement between the rotor and the stator is obtained with capacitive sensors (e,f). Solid and dashed lines are experimental and numerical results, respectively. The natural frequencies in the range of interest are located at 83 Hz and 472 Hz, where both dampers are in the transition area and can provide damping, as illustrated in Figure 8 .
The proposed modeling and identification methodology can be indifferently applied to rigid and flexible rotors. In this paper, the more complete approach for flexible rotors is illustrated. However, the pump that is used for the experimental validation is designed to work in subcritical condition with respect to flexible modes, thus it could be represented with a rigid body model without the loss of information. (C) The last test is performed with the pump in rotation measuring the unbalance response in correspondence of the higher damper location. The experimental (solid line) and numerical results (dashed line) are reported in Figure 12 . The critical speeds occur at 5000 rpm and 25,000 rpm. The damping action of the supports is effective at these velocities since they are both working in the transition region (see Figure 8) , as expected. The good correspondence between the numerical and experimental results is a validation of the proposed methodology and modeling approach at component and system level.
Appl. Sci. 2017, 7, 1181 14 of 15 (C) The last test is performed with the pump in rotation measuring the unbalance response in correspondence of the higher damper location. The experimental (solid line) and numerical results (dashed line) are reported in Figure 12 . The critical speeds occur at 5000 rpm and 25,000 rpm. The damping action of the supports is effective at these velocities since they are both working in the transition region (see Figure 8) , as expected. The good correspondence between the numerical and experimental results is a validation of the proposed methodology and modeling approach at component and system level. 
Conclusions
In this paper, a methodology for the modeling, the testing, and the identification at the component level and at the system level of viscoelastic dampers for rotors has been illustrated. The tested dampers are realized with a viscoelastic element that is molded between metallic supports. The contribution in terms of damping and stiffness of the dampers has been evaluated by means of a dedicated machine realized to simulate the unbalance excitation on the supports. The parameters of the reference model of the dampers have been identified on the base of the experimental measurements by a Genetic Algorithm aiming to search the optimal values that minimize the difference between the numerical and the experimental results. Afterwards, the tested dampers have been installed in a turbo-molecular pump to validate the procedure also at system level. The pump has been tested at null speed by means of impact tests and in rotation by measuring the unbalance response. The validation of the proposed methodology has been conducted by comparing the experimental results with the numerical computations obtained by a model containing the rotor and the stator connected through the identified damper dynamics. 
In this paper, a methodology for the modeling, the testing, and the identification at the component level and at the system level of viscoelastic dampers for rotors has been illustrated. The tested dampers are realized with a viscoelastic element that is molded between metallic supports. The contribution in terms of damping and stiffness of the dampers has been evaluated by means of a dedicated machine realized to simulate the unbalance excitation on the supports. The parameters of the reference model of the dampers have been identified on the base of the experimental measurements by a Genetic Algorithm aiming to search the optimal values that minimize the difference between the numerical and the experimental results. Afterwards, the tested dampers have been installed in a turbo-molecular pump to validate the procedure also at system level. The pump has been tested at null speed by means of impact tests and in rotation by measuring the unbalance response. The validation of the proposed methodology has been conducted by comparing the experimental results with the numerical computations obtained by a model containing the rotor and the stator connected through the identified damper dynamics.
